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1. Introduction

Abstract

Addressing the critical challenge of low-cycle fatigue (LCF) in electro-
hydraulic hammers induced by repetitive sub-critical pressure
fluctuations (3540 MPa), which remains unmitigated by conventional
relief valves due to an inherent response “dead zone”, this study
proposes a novel dual-stage relief valve. The core innovation resides in
a fixed geometric differential area (4A4) designed to decouple high- and
low-pressure regulation mechanisms. This architecture synergizes
a direct-acting stage for catastrophic surges (calibrated >40 MPa) with
a pilot-operated differential stage for sub-critical transients (35-40
MPa), thereby eliminating the regulation blind spot. The structural
parameter AA is rigorously optimized via theoretical derivation and
sensitivity analysis to ensure stable responsiveness across the target
pressure range. Validated through AMESim/Simulink co-simulation and
high-precision experiments, the valve achieves a rapid response time of
20ms, representing a 40% improvement over conventional valves, and
reduces pressure fluctuation amplitudes from 5 MPa to 1.5 MPa.
Furthermore, stress analysis and modified Miner’s rule predictions
demonstrate that suppressing these fluctuations reduces cyclic stress
from 108.1 MPa to 43.2 MPa. Consequently, the predicted service life
of critical components is extended from 9.6X10%cycles to 9.8 X
10° cycles, an increase of nearly two orders of magnitude. This design
establishes a paradigm shift from reactive overload protection to
proactive stability management, significantly enhancing the reliability of
heavy-duty hydraulic systems.

Keywords
electro-hydraulic hammer, dual-stage relief valve, dynamic model,
pressure dynamic response

The premature failure of critical components in electro-
hydraulic hammers, primarily caused by low-cycle fatigue
(LCF), poses a significant challenge to industrial productivity
and operational safety. This persistent issue is not triggered by
catastrophic overloads—against which conventional relief

valves offer adequate protection—but by the insidious, sub-
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critical pressure fluctuations (typically 35-40 MPa) that occur
during every normal forging cycle. These repetitive,
unattenuated hydraulic shocks subject components to a cyclic
loading regime that progressively degrades material integrity,
ultimately leading to unexpected downtime and costly repairs.

The inability of existing safety valves to mitigate these “minor”
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yet damaging transients represents a critical gap in ensuring the
long-term reliability of high-value hydraulic machinery.

As the pivotal safety component, the performance
optimization of relief valves has been extensively investigated.
Recent advancements predominantly focus on structural
parameter optimization and dynamic response enhancement.
For instance, Ye et al. [1] demonstrated that adjusting spring
stiffness could effectively tailor the opening characteristics for
steam valves. However, this approach faces an inherent trade-
off: reducing spring stiffness to sensitize the valve to sub-
critical fluctuations (35—40 MPa) inevitably compromises the
sealing force and dynamic stability required for high-pressure
surges, leading to chattering or leakage. Similarly, while multi-
stage cartridge valves have been developed for large-flow
systems—such as the three-stage valve by Xu et al. [2] and the
electromagnetic cartridge valve by Dai et al. [3]—these designs
primarily target extreme high-pressure transients (>45 MPa).
The pilot stage in conventional two-stage valves, such as the
high-speed valve optimized by Ma et al. [4], typically utilizes
a fixed full-area spool, creating a “dead zone” where pressure
fluctuations below the set threshold generate insufficient
actuating force to open the pilot port. Furthermore, while
passive damping solutions like accumulators [5] are effective
for energy absorption, they lack the active pressure-limiting
capability needed to proactively suppress the cyclic stress peaks
responsible for LCF.

Consequently, a fundamental limitation persists: existing
solutions rely either on parameter tuning within a fixed force-
balance architecture, which cannot resolve the sensitivity-
stability conflict, or on complex multi-stage designs
unresponsive to minor transients. Therefore, the transient
response of pressure-regulating relief valves to minor hydraulic
impacts constitutes a distinct and unresolved research gap. To
bridge this gap, this paper introduces a novel two-stage
pressure-regulating safety valve featuring a direct-acting and
pilot-operated differential hybrid mechanism. The core
innovation is the introduction of a fixed geometric differential
area (44) as a key structural design parameter. Unlike methods
that merely adjust spring stiffness, the 44 -driven mechanism
decouples pressure sensitivity from spring stiffness constraints.
By partitioning the pressure response via optimized force

balance, this design synergizes a direct-acting stage for

catastrophic surges with a pilot-operated differential stage for
sub-critical transients, fundamentally eliminating the ‘dead
zone’ inherent in traditional valves.

To wvalidate this concept, a comprehensive system-level
dynamic model was developed and rigorously validated through
AMESim/Simulink  co-simulation and  high-precision
experiments. The dynamic characteristics, including the rapid
20ms pressure step response and hysteresis-free operation, are
thoroughly analyzed. Critically, this study goes beyond mere
performance metrics to quantify the impact on system reliability.
By establishing a low-cycle fatigue life prediction model, we
demonstrate for the first time that suppressing these sub-critical
fluctuations can extend the service life of critical components
by over two orders of magnitude. This work not only presents
a novel valve design but also offers a theoretical framework and
an engineering paradigm for enhancing the reliability and
service life of advanced hydraulic systems.

The characteristics of the designed two-stage pressure
regulating safety valve compared to ordinary pressure

regulating valves are shown in Table 1.

Table 1. Comparison of Pressure Regulating Abilities of

Different Valves.
Traditional Three AA-driven
Feature . stage valve .
single-stage valve 3] relief valve
Response >45Mpa >50Mpa 35~40Mpa
Pressure range
Subcritical
pressure none None Excellent
Regulation
Low cycle
fatigue inferior None strong
Suppression

2. Performance validation and mechanism elucidation of
the AA-driven dual-stage valve

As a critical safety element within an electro-hydraulic hammer
system, the pressure regulating relief valve’s principal function
is to prevent system overloading. A critical fault scenario
involves the inadvertent closure of the fast drain valve during
a strike cycle. The hammer’s inertia then drives it downward,
compressing the cylinder fluid and inducing a transient pressure
surge. To mitigate this phenomenon, the relief valve opens
rapidly to limit the pressure peak, thereby shielding hydraulic
components from damage. However, the valve is typically
calibrated with a high cracking pressure to accommodate such

extreme events. Consequently, it remains unresponsive to the
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minor, sub-threshold pressure fluctuations associated with
normal operations, such as hammer rebound. These repetitive,
unmitigated hydraulic shocks initiate low-cycle fatigue,
progressively degrading system reliability and elevating the risk
of catastrophic failure. To address this limitation, this section
introduces a novel Dual-stage relief valve. This section first
outlines the electro-hydraulic hammer system’s architecture and
operating principles. Subsequently, a mathematical model of the
new valve is developed, and its dynamic behavior is
investigated via co-simulation. Finally, experimental validation

confirms the design’s effectiveness and superior performance.

2.1. Problem formulation: the dead zone in conventional

valves

The hydraulic system schematic for the electro-hydraulic
hammer is depicted in Figure 1. Analysis of this configuration
reveals that an accumulator, positioned at the right end of the
hydraulic cylinder, supplies the control pressure for the main
control valve. This main control valve is a three-position, three-
way directional valve that governs system operation through
a mechanical follow-up mechanism of its spool and stem.
Furthermore, the lower section of the main control valve is
hydraulically linked to a fast drain valve, which in turn

communicates with the rod chamber of the hydraulic cylinder.

Figure 1. Schematic diagram of the electro-hydraulic

hammer system; 1-hydraulic cylinder, 2-dual-stage relief
valve, 3-fast drain valve, 4-main control valve, 5-pressure
gauge, 6-accumulator, 7-hall switch, 8-cooling system,
9-cartridge valve, 10-hydraulic pump, 11-electric motor,
12-hammer head.

As detailed in the Introduction, conventional pressure relief

valves, while essential for preventing catastrophic overloads,
exhibit a critical “dead zone” for sub-critical pressure
fluctuations (3540 MPa). This unresponsiveness allows
recurrent hydraulic shocks to propagate unabated through the
system during each forging cycle. In a typical electro-hydraulic
hammer system, as depicted in Figure 1, these shocks manifest
as pressure peaks in the rod chamber, directly loading the
hydraulic cylinder and its connections. This cyclic loading
regime is the primary driver of low-cycle fatigue (LCF),
fundamentally compromising the system’s operational
reliability and service life. Therefore, the core challenge is not
just to react to large surges, but to proactively manage the minor,

yet damaging, transients that occur thousands of times per day.

2.2. The hierarchical response mechanism of the AA-

based dual-stage relief valve

To address the fundamental issue of the inherent "dead zone" at
sub-critical pressures (35-40 MPa)—the primary driver of low-
cycle fatigue (LCF)—we propose a novel dual-stage relief valve
whose architecture is illustrated in Figure 2. The design
synergizes a direct-acting stage (dedicated to catastrophic
surges >42 MPa) with a pilot-operated differential stage
(specifically engineered for sub-critical pressure elevations 35—
42 MPa), featuring an overlapping response interval to
eliminate regulation blind spots. The core innovation lies in the
introduction of a fixed geometric differential area (AA) as a key
structural parameter, which serves to decouple the high- and
low-pressure response mechanisms. This enables partitioned
pressure regulation, where the pilot stage is sensitized to sub-
critical transients. Consequently, this architecture achieves
proactive and precise control of these damaging fluctuations for
the first time, fundamentally eliminating the "dead zone"
inherent in traditional valves and representing a paradigm shift
from reactive overload protection to proactive stability
management.

Stage 1 (Direct-acting): The inlet pressure parameter in
Table 2 is the minimum test pressure for dynamic performance
verification; the actual response threshold of the direct-acting
stage is calibrated to >45 MPa through spring stiffness and pre-

compression settings.
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Figure 2. Structure of the Dual-stage relief valve; 1-valve

seat, 2-direct-acting valve sleeve, 3-connecting barrel,

4- direct-acting valve spring, 5- direct-acting valve spool,
6- external connection end, 7- differential valve spool,
8- differential valve spring, 9- differential valve spring seat,
10- gasket, 11- internal connector.

Expression for the outlet flow rate:

. ’2
g1 = CaWx, sina ;(Psl — Pip) €Y

Where W is Wetted Perimeter, W = md,, m; x; is spool
displacement, m; Py, is inlet pressure of the safety valve, Mpa;
Py, is the outlet pressure of the safety valve, Mpa;p is density
of hydraulic oil, kg/m?. C4; is discharge Coefficient, The
expression of Cy;is:

CalPer) = Cao |1+ Koy (22 0w, (2) V0] @)

Where C,, indicates the base flow coefficient; x4, i the
maximum displacement of the valve core; P, is the critical
pressure; kg, ~ kg, kg, is a dimensionless coefficient, These
coefficients were derived from Computational Fluid Dynamics
(CFD) simulations of the valve flow field, which analyzed the
discharge characteristics across the full range of spool
displacements. The values were subsequently calibrated against
experimental data to ensure fidelity.

The continuity expression of the inlet:

dPs1 _ Be o da
it vy, (%1 Q1 — 4 dt) 3)

Where A, is area of entrance,m?; g, is inlet flow of direct-
acting valve, L/min;V,, is internal volume of the cavity,m?; B,is
hydraulic oil bulk modulus, N/m3, The compressibility B, of oil

will change with pressure, The expression is:
Ps
BePea) = Buo (14 kg 22 )

Where B is the bulk modulus at reference pressure, kg is
the pressure influence coefficient, Py..f is the reference pressure.

Differential expression of spool displacement:

dx? dx .
my—-+ By — 2+ KXy = Por Ay — Ky xy — Fpgin (X1, %1, P1) (5)

Where m, is valve core's mass, kg; B is equivalent
coefficient, N-s/m ; Ky is Hydrodynamic stiffness
coefficient,N /m.

Since the fluid-solid coupling force is the integral of the
fluid pressure on the surface of the valve core, it is difficult to
calculate accurately. Therefore, an equivalent function related
to displacement and velocity is used to approximate:

Frsi(x, %, Ps1) = Kpgix + CpsX|%| + Psy Ajer (x) (6)

Where K is the flow-induced stiffness coefficient, which
represents the additional stiffness caused by the change of flow
field caused by the change of spool displacement. Cyg; is the
flow-induced damping coefficient, which represents the
nonlinear part of the fluid damping when the spool moves.
Aje (x)is the jet reaction area, which is the function of the spool
displacement and represents the reverse thrust generated by the
high-speed fluid jet.

To enhance the model’s physical fidelity, this study
introduces non-linear terms |x| and Aj..(x) into the lumped-
parameter model to capture critical fluid-structure coupling
effects. This refinement significantly improves the model’s
predictive accuracy and innovative value while retaining its
computational advantages.

Stage 2 (Differential): specifically designed to be sensitive
to sub-critical pressures.

Outlet flow expression:

. ’2
Gz = CaWx,sina ;(Psz — Py) ™

Where X, is spool displacement, m; Pq, is:

dPsz _ Ps ( dx2
—= == —q —A4,== 8
at v, \ds1 T 27, (8)
Where A4, is area of entrance, m?;V, is chamber volume, m>.
dx? dx: .
m, =+ B, d_: + KipXy = Poy - Ay + PAA — KXy = Froi (35, %, P2 )(9)

Where m, is Valve core mass, kg; 44 is differential area of
differential valve, m?; Py, is the differential valve chamber
pressure, Mpa.

Unlike conventional single-stage models [6—8] that assume
unified spool dynamics, the proposed coupling equations (9)
incorporate the preset differential area AA as a key fixed
structural parameter, achieving targeted pressure partitioning

between stages. This eliminates the 'dead zone' in sub-cracking
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pressure response.

Design rationale and sensitivity analysis for the optimal AA
The differential area AA is the core structural parameter
determining the pilot stage’s cracking pressure for sub-critical
transients, and its optimal value is derived from the force
balance equilibrium of the pilot differential spool for the target
pressure range (35-40 MPa).

The critical opening pressure p,, satisfies the force balance
equation:

Per  AA = Fyy + Fp (10)

Where:Fg, = kg, - X5p0 1S the spring pre-compression force
of the differential stage, N; Fy, is the equivalent damping force
of the valve core, N; The target minimum / maximum opening
pressure ( 35 MPa / 40 MPa ) and the spring pre-compression
force are substituted into the equation, and the theoretical range
of AA is calculated to be 782.1X10~809.3 X 10 m?,

In order to determine the optimal value in the theoretical
range, the pressure response sensitivity analysis of AA was
carried out in the range of 35-40 MPa. The sensitivity index S =
0x,/0p is used to evaluate the response characteristics of the
first-stage pilot valve:

(1) When AA <796.24X10° m? the sensitivity S is
excessively high, leading to uncontrolled spool
oscillation under minor pressure noise and poor pressure
regulation stability.

(2) When AA>796.24X10%m?, the sensitivity S decreases
sharply, and the differential valve fails to respond to
pressure fluctuations < 38 MPa, reintroducing a partial
“dead zone” in the sub-critical range.

(3) When AA=796.24X10° m?, the differential valve
achieves the highest stable sensitivity (S=0.021
mm/MPa) across the entire 35-40 MPa range, ensuring
rapid and non-oscillatory spool actuation for all sub-
critical transients.

This optimal AA not only calibrates the cracking pressure of
the differential valve to the target sub-critical range but also
decouples the high/low-pressure responses by ensuring the
direct-acting valve remains completely unresponsive to 3540
MPa fluctuations—the pressure-induced force required for
direct-acting spool actuation far exceeds its spring pre-
compression force, while the sub-critical pressure range cannot

generate sufficient force to open the direct-acting valve.

2.3. Analysis of pressure regulation insurance

characteristics of electro-hydraulic hammer

To precisely assess the dynamic performance of the proposed
Dual-stage relief valve, particularly its ability to regulate sub-
critical transients (35-40 MPa) that cause LCF, a high-fidelity
simulation model was developed. This model, constructed from
the valve’s governing dynamic equations and incorporating
critical parameters from Table2, ensures simulation fidelity. To
replicate the specific pressure fluctuations inherent in electro-
hydraulic hammer operations, a step pressure signal was applied
to induce the system’s dynamic response. The transient
response curves of spool displacement and outlet pressure were
subsequently analyzed to evaluate key performance indicators,
including response speed, overshoot, and stability within the
target sub-critical range. This simulation elucidates the valve’s
inherent dynamic behavior under targeted disturbances,
providing crucial data and a theoretical basis for its structural
optimization and, most importantly, for validating its role in
LCF suppression [9-11].

Table 2. Parameters of two-stage pressure regulating safety

valve.
Type Name Symbol Value Unit
flow coefficient Cy 0.65
velocity coefficient C, 0.81
fluid density p 875 Kg/m?
Wetted Perimeter w 18.27x10° m
inlet pressure Py 35 Mpa
outlet pressure Pig 0 Mpa
bulk modulus Be 180x10° N/s
cross-section area A, 25.24x10°° m’
Direct-acting equivalent mass my 0.15 kg
valve part Hydrodynamic
stiffness coefficient Kaa 0.0225 N/m
equivalent Qampmg B, 265 N-s/m
coefficient
Valve chamber " 146.82x10° o
volume
spring stiffness Ky 63723 N/m
SPrIng pre Xo 23x1073 m
compression
inlet pressure P, 40 Mpa
outlet pressure Py 0 Mpa
differential area AA 796.24x10°¢ m?
ImpOrting cross- A, 903.05%10°  m?
sectional area
equivalent mass m, 0.18 kg
Differential i i
ifferentia equivalent c}ampmg B, 481 N-s/m
valve part coefficient
Hydrodynamic 4
stiffness coefficient K2 1.4x10 N/m
spring stiffness K¢, 6.53x10* N/m
The pre-
compression of the X, 9.54x107 m
spring

Based on the mathematical model and the specific
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parameters detailed in Table 2, a simulation model for the two- analyzed.

stage pressure relief valve was constructed and subsequently
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Figure 3. Simulation model of two-stage pressure regulating safety valve.
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Figure 4. Dynamic characteristic curves of the Dual-stage relief valve.

To investigate the dynamic performance of the proposed Dual-stage relief valve under hydraulic shock, a high-fidelity
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simulation model was developed. This model systematically
assesses the valve’s pressure regulation and flow control
capabilities while elucidating the dynamic displacement and
velocity characteristics of the spool. The simulation was
initiated by applying a pressure fluctuation signal at 0.1 s. As
illustrated in Figure 4(a), the pressure rise time is 0.02 s, the
settling time is 0.14 s, and the total unloading time is 0.25 s.
According to Figure 4(b), following the onset of flow at 0.12 s,
the flow rate undergoes several oscillations before subsequently
declining. The pronounced oscillation of the spool during its
initial opening, depicted in Figures 4(c) and (d), is a direct
consequence of the hydraulic shock. The abrupt pressure
increase and sudden spool actuation generate significant impact
forces from the high-pressure fluid, causing rapid velocity
changes and inducing nonlinear oscillations in the two-stage
differential spool. Ultimately, at 0.24 s, the valve attains its rated
flow, and the spool stabilizes at a displacement of 4mm.

The pronounced spool oscillations are a direct manifestation
of the hydraulic shock. Critically, in conventional valve designs,
these oscillations are sustained due to inherent underdamping
(low damping ratio, {), which allows fatigue-inducing pressure
transients to accumulate unabated. By precisely tuning the
hydrodynamic stiffness coefficient (Kg;) to 0.0225 N/m, the
proposed AA-driven design achieves a near-critical damping
ratio ({ = 1). Consequently, as shown in Figure 4(d), the
oscillation amplitude is attenuated by over 60% compared to
conventional valves, and the spool stabilizes within 20 ms. This
rapid attenuation of fatigue-inducing oscillations quantitatively
validates the effectiveness of the K tuning and, fundamentally,
the AA-driven mechanism in suppressing the primary cause of

Low-Cycle Fatigue (LCF).

2.4. Experimental verification of dynamic characteristics

of the dual-stage relief valve

To experimentally validate the proposed AA-driven valve’s
efficacy in suppressing Low-Cycle Fatigue (LCF), a high-
precision test rig was developed [13,14] (Figure 5). The system
is specifically designed to replicate the sub-critical pressure
fluctuations (35-40 MPa) inherent to electro-hydraulic
hammers, which are the root cause of LCF. Instrumentation,
including a high-frequency pressure sensor, a displacement

sensor, and a flow meter, was employed to measure metrics

critical to LCF mitigation [15], such as response speed within
the target range and the damping of fatigue-inducing
oscillations. A step pressure disturbance was applied to
rigorously evaluate these performance indicators.

The experimental results validate the efficacy of the
proposed AA-driven valve in suppressing Low-Cycle Fatigue
(LCF). Critically, the valve initiated unloading at 0.02 s from an
initial pressure of 35 MPa, demonstrating the elimination of the
‘dead zone’ inherent in conventional valves. This rapid response,
followed by stabilization at 34 MPa, actively manages the sub-
critical pressure fluctuations that cause LCF. The valve’s
reliable reset below 32 MPa further ensures system stability and
prevents the accumulation of fatigue damage. The stable spool
displacement corroborates these findings, providing direct
evidence of the valve’s success in mitigating LCF-inducing

hydraulic shocks.

3 hydraulic
, cylinder
[ oMo

isplacement
sensor

emulsion

. hydraulic pum
pump station y pump

station

---------
------

main power
switch

Figure 5. Test bench of the Dual-stage relief valve.

The dynamic response of the safety valve is illustrated by its
pressure curve. At 0.02 s, the valve is subjected to an
overpressure of approximately 40 MPa, causing it to open
rapidly. This results in the pressure decreasing sharply to a range
of 24 -27 MPa within 10 ms. The rapid depressurization
induces a transient fluctuation, leading the pressure to rebound
to a peak of 40 MPa within 20 ms, a phenomenon that attests to
the valve's high sensitivity and rapid opening -capability.
Subsequently, following a brief oscillation, the pressure
stabilizes near the rated operating pressure of 33 MPa,
demonstrating stable pressure relief performance. As the
pressure falls below the 32 MPa reset pressure, the valve disc
reliably reseats. The system pressure then stabilizes at

approximately 32 MPa, confirming the valve's effective sealing
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capability after pressure discharge and its function in re-

establishing system pressure integrity.

the differential area (AA). The cracking pressure for the pilot

stage is determined by the force balance:

The exceptional system stability under impact (Figure 7a) is p KezXo (11)
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Figure 7. Pressure regulating dynamic characteristic curve of safety valve.

By designing AA as 796.24x10°° m?, the pilot stage is
calibrated to activate at 35—40 MPa, proactively relieving minor
pressure fluctuations before they can escalate into major shocks.
This pre-emptive action prevents the system pressure from ever
reaching the high-energy zone (>40 MPa) where severe
oscillations occur in traditional valves. Therefore, AA
fundamentally shifts the control strategy from reactive
protection to proactive stability management, a paradigm shift
from existing approaches [13].

The experimental results corroborate the high-fidelity of the
co-simulation model and validate the valve’s superior

performance. The valve achieved a rapid 20 ms response to

a 40MPa pressure surge, with the spool stabilizing at 4 mm and
a peak relief flow of 1600 L/min. Critically, the valve reset
reliably below 35 MPa without hysteresis, ensuring system
stability. The experimental pressure-flow characteristics align
closely with simulated predictions, with key parameter errors
under 5%. This strong agreement confirms the effectiveness of
the proposed design, with minor deviations attributable to

acceptable engineering tolerances in the test setup.

3. Analysis of shock-induced unloading in the electro-
hydraulic hammer hydraulic system

Sub-critical pressure fluctuations (35—40 MPa) are the primary

trigger for low-cycle fatigue (LCF) in electro-hydraulic
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hammers, a phenomenon unmitigated by conventional relief
valves due to their inherent ‘dead zone.” To address this,
a system-level mathematical model was developed, embedding
the proposed AA-driven valve’s hierarchical response
mechanism. This model is used to conduct targeted simulations
that verify the system’s ability to proactively suppress these
fatigue-inducing shocks, thereby validating the valve’s efficacy

in enhancing overall hydraulic system reliability.

3.1. Modeling of the electro-hydraulic hammer hydraulic

system

Based on the working principle of the electro-hydraulic hammer,
this paper embeds the unloading pressure feedback term of the
dual-stage relief valve and the gas nonlinear compression term
adapted to sub-critical pressures (35-40 MPa)[16]. Dividing the
operating conditions into the return stroke and striking stroke of
the electro-hydraulic hammer, mathematical models of the
hydraulic pump, cartridge valve, accumulator, main control
valve, quick drain valve, and hydraulic cylinder are derived by

means of system topology and node topology methods.

prelief = {

Pretief-aifr = 45Mpa  (psys > 45Mpa, )
prelief—dir = kAA -AA - X7 + Psub (35Mpa < psys < 40Mpa;)

A closed-loop correlation of “pressure regulation-component

response-fatigue suppression” is thus realized.

S;-two-way cartridge valve S,-accumulator  S3-Main control valve S,-Quick release valve
Ss-Pressure regulating safety valve  G-hydraulic cylinder ~ D-power elements

N;~Ns-Nodes in the system B;, B,-border node

Figure 8. Node topology constraint model of electro-

hydraulic hammer hydraulic system.

(1) Dynamic Regulation Logic of Dual-Stage Relief Valve
with Embedded Differential Area (AA)

The dual-stage relief valve adopts a hierarchical response
mechanism, which consists of a differential stage (for the sub-
critical pressure range of 3540 MPa) and a direct-acting stage
(for the overload pressure range above 45 MPa), Dynamic

unloading pressurep,.¢;;.rand relief unloading flowq,¢jef:

(12)

,2(21 —Drelief)
qrelief = Cd—relief 'Arelief(x5:x7) : %Mw}( (13)

Where AA is differential area, m? k,, is differential
regulation coefficient; x5 is spool displacement of direct-acting
valve, mm; x, is spool displacement of the differential valve,
mm; psys is detected pressure, Mpa; Cy_reier is two-stage
safety valve flow coefficient; pis density of hydraulic oil, kg/m?;
Psup 18 mean value of sub-critical pressure, Mpa.

Given that the gas in the upper chamber of the accumulator
and the rodless chamber of the hydraulic cylinder deviates from
the ideal polytropic process, a sub-critical correction coefficient

Asup, to modify the gas state equation.

PV =po Vg [L4 A B2 (14)

Where n is polytropic index of the gas in the subcritical
range, 1~1.4; p, is initial gas pressure, Mpa; V; is initial gas
volume, Mpa; p is real-time gas pressure, Mpa.

(2) Equation for the Actual Flow Rate of the Hydraulic
Pump

Vy d
9p = Qpt — Cip(pl - prelief) - ;p : % (15)

Where gy, is theoretical flow rate of a pump, m%/s; Cy, is
pump leakage coefficient, m*/(s * Pa) ; p; is pump outlet
pressure, Mpa; V, is pump outlet volume, m’,

(3) Cartridge valve

The cartridge valve provides a bypass for the pump flow,
and its outlet flow is influenced by the coupling of the
downstream pressure and the unloading pressure of the two-

stage valve. The model is as follows:

’2( -p2)
Gev = Caco - % (16)

Where Cy, is cartridge valve flow conductance coefficient.

(4) Accumulator

The mathematical model for the accumulator is established
by incorporating the pressure feedback term of the two-stage
pressure relief valve and the non-linear gas compression term:

Electro-hydraulic hammer return stroke:
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Piston equation of motion
majéa = Pup * Aa - pZAa - Ffa - kcoup : (Pz - prelief) : Aa (17)

Equation of state for gas adapted to subcritical conditions:

pupVan = pupOVJLO : (1 + Asup %) (18)

Flow coupling equation:

dp;

. V;
AgXg + ey = Gy + relief + ;2 "ar (19)

Where m,, is accumulator piston mass, kg; A, is piston area,
m?; Frq is flow coupling equation, N; Koy is accumulator-
two-stage pressure relief valve coupling coefficient; pyq is
initial gas pressure, Mpa; V,, is initial gas volume, m®; p, is oil
pressure of node 2, Mpa; Fy, is total friction resistance of piston,
N; g, is main control valve inlet flow rate, m3/s, V, is volume at
node 2, m*; p,, is real-time gas pressure, Mpa.

Striking phase of the electro-hydraulic hammer:

Piston equation of motion

Ma¥q = P2Aa = Pup " Aa = Fra = Keoup " (Pretier = P2) *Aa (20)

Equation of state for gas adapted to subcritical conditions:
p yn = p v . (1 +2 b pZ_psub) (21)
up’a up0¥al Su Dsub
Flow coupling equation:

. . Vo, dp
Qp-surp + AprXp = AgXq + relief + ;2 : d_tz (22)

(4) Main control valve

For the main control valve, a three-position, three-way
directional control valve, the equation of motion for the spool
during the return stroke is as follows:

my¥, + cy¥y + kyXy = (D3 = Presier) - Av — Fry (23)

Where m,, is spool mass, kg; x,, is spool displacement, m;
P is oil pressure at node 3, Mpa; A, is oil action area, m?; k,is
spring stiffness, N/s; Ff, is the sum of friction, N.

The flow equation of the backhaul process is:
2(p3—pa)
Gy = CapAy (%) - % (24)

Where 0,5 is comprehensive flow coefficient of valve port.
When the reversing valve is in the hammer blow position,
the valve core motion equation is:
my%, + Cyty + kyXy = (e — Pretier)Av — Fro (25)
Where p; is tank oil pressure, Mpa; Fy, is frictional force, N.

The flow equation of the striking process is:

z(pre iefP )
Qun = O-dvAvh"% (26)

(5) Fast drain valve
For the purpose of mathematical modeling, the fast drain
valve is treated as a functional equivalent of a combination of
a check valve, a throttle valve, and a differential piston. In
developing the model for its operation in both the return and
striking strokes, a key assumption is made that the friction
between the floating sleeve and the floating ring is constant.
The kinematic equation of the floating spool during the
return stroke is:
mqjéq = Palgr — PeAq — Frq (27)
Flow equation:
qQq =0 (28)
Where m, is the mass of the valve core, kg; x, is the
displacement of the valve core, m;A ;. is the end face area of the
main control valve spool floating on the right side of the spool,
m?; Ag; is the the end face area of the main control valve spool
floating on the left side of the spool, m?; p, is oil pressure of
node 4, Mpa; Fy, is the sum of various frictions, N.
The kinematic equation of the floating spool during the

return stroke is:

maXq = PrAgr — Palq — Ff’q (29)

Flow equation:
qq = Caq4q '1’2@4{,—“) (30)

Where Cy4 is quick discharge valve hydraulic conductivity
coefficient; Ff’q is valve core friction, N; 4, is co-flow area of
quick discharge valve port, m?.

(7) G hydraulic cylinder

Piston work equation of hydraulic cylinder return stroke:

MpXy = Palpr — PoAno — Frn — Gp, 31

Nonlinear state equation of rodless cavity gas:
Po(Voo — Anoxn)™ = PooVs0 - [1 + Asub 'pop_ﬂ] (32)
sub
Backhaul flow equation:

. Vo d
Gy = Apry +- 2 (33)

Where m,, is mass of hydraulic cylinder piston and hammer
head, kg; x;is Hydraulic cylinder piston displacement, m; Ay,
is piston area of rod cavity, m?; Ay, is the displacement of the
hydraulic cylinder piston, m?; V, is hydraulic cylinder rodless
cavity volume, m?; Vg, isInitial volume of upper cavity of

hydraulic cylinder, m?; py, is initial pressure of upper chamber
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of hydraulic cylinder, Mpa.
The motion equation of piston during striking stroke:
MmpXp = PoAno + Gn — Palnr — Fin — Dicy * Opruc(®a) * Anr (34)

Flow equation during strike:
Po(Voo — AnoXn)™ = PooVoo - [1 + Asup '%} (35)
Where Fy, is friction force during striking stroke, N.

. vy dp.
Apppy, = qq + Qrelief + ;4 ' d_: (36)

Dy is low cycle fatigue damage coefficient; Ofpc(ps) =
ky(ps — Psyp)? is stress pulsation induced by sub-critical
pressure; Fyj, is hydraulic ram friction force, N.

According to the node constraint topology conditions and
each sub-element and mathematical model, the mathematical
model of the hydraulic system of the electro-hydraulic hammer

striking process and the return process can be established:

Hydrauli¢ c’ylinder
Iy, extension striking process RN Rl T N Ay W R
PVo = Agp ( Po + Apub)(vo + Ao Xy )n

b, = \f%(qq + A%, ~ O )

Hydraulic Cydinder
return stroke

Mm% = PAr — PoAo =G, —Fn
PoVo = A ( Po +Apub )(Vo = Aok, )n
B

V,

4

Py =25(0 = Ak, ~ it )
Figure 9. Electro-hydraulic hammer strike and return
process model.

The mathematical model for the electro-hydraulic hammer
delineates two distinct operational phases. For the return stroke,
the model simulates the upward movement of the piston driven
by high-pressure oil. This phase encompasses the pressure-
fluctuation suppression during accumulator discharge, the
reversal of the main control valve to the return position, the
closure of the fast drain valve, and the standby condition of the
secondary pressure-regulating valve. Conversely, for the strike
stroke, the model simulates the hammer’s free-fall stage [17].
This includes the instantaneous pressure relief within the lower
chamber, the counter-pressure from the gas in the upper

chamber, and the transient unloading behavior of the safety

valve in response to the sudden impact load induced by the

opening of the fast drain valve.

3.2. Electro-hydraulic hammer hydraulic system

simulation analysis

To validate the proposed Dual-stage relief valve’s capability to
suppress Low-Cycle Fatigue (LCF) at the system level,
a comprehensive dynamic model was developed [18]. This
model uniquely embeds the valve’s hierarchical response
mechanism for sub-critical transients (35—40 MPa) and adaptive
gas compression terms, establishing a direct link between
pressure regulation and fatigue suppression. A high-fidelity co-
simulation of the entire electro-hydraulic hammer system was
then constructed on the AMESim/Simulink platform using
parameters from Table 4, specifically to replicate the transient
hydraulic shocks responsible for LCF.

Table 4. Main parameters of electro-hydraulic hammer

hydraulic system.

Name Symbol Value Unit
Accumulator piston mass mg, 19 kg
Accumulator piston area A, 2.6x10 m?
Total fnctlon. of accumulator Fra 1000 N
piston
Initial volume of accumulator oil 5
chamber Vao 25 m

Liquid action area of main

3.22x10° m?
control valve

Oil pump flow Conductance Cip 6x10™ m?*/(s-Pa)
Cartridge valve hydraulic guide Cacv 8.77x107 m>/(s-Pa)
The tOt’fll flow coefficient of the Car 2.09%10°6

main control valve port
Quick release valve (check valve) 6 e
flow conductance Capn 6.78x10 m'/(s Pa)
Quick release valve (throttling
speed control valve) flow Cap2 8.32x107 m?/(s-Pa)
conductance
Sum of friction of main control Fr 0 N
valve
Sum of friction of quick release Frq 0 N
valve
Total frlctlop of hydraulic Fon 12000
cylinder
Accumulator piston area Age 0.1521 m?
Hydraulic cylinder rod cavity . 14 .
area
Hydraulic cylinder rodless cavity Ano 25 m?
area
Mass of hydraulic cylinder piston
and hammer head Mn 5300 ke
Hydraulic cylmder rodless cavity Poo 3 Mpa
air pressure
Initial gas volgme of hydraulic Voo 0.15 .
cylinder
the bulk modulus of oil K 700 Mpa
Transient dynamic coefficient 1] 0
viscous damping coefficient c 0 N« s/m
Mass of quick release valve spool m, 2.2 kg

To validate the proposed AA-driven valve’s efficacy in
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mitigating Low-Cycle Fatigue (LCF), a high-fidelity co-
simulation model of the return process was constructed on the
AMESim/Simulink platform. The model centers on the sub-
model of the proposed dual-stage pressure-regulating valve,
which embeds its hierarchical response mechanism for sub-

critical transients [19]. As depicted in Figure 10, this core sub-

® U JIEES U*f

-

55600 | Scope2

.D.._] .._|

SI"W

e

35

model is integrated into a comprehensive system framework
that includes the dynamics of the hydraulic pump, accumulator,
main control valve, and hydraulic cylinder. This holistic
approach creates a realistic environment to simulate the specific
pressure fluctuations responsible for LCF and rigorously test the

valve’s proactive suppression capabilities.

Y=L S

0.25 Mear critical damping, no oscillation
0.2
—_ —_ -5
Y £ .
= Initial pressure: 25MPa = N ' )
= Stable pressure: 32MPa §0‘15 Initial displacement: 0.25m reset to 0 £
= >
3 =
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= o 0.1 @
o 25 2 >
[=]
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Time [s] Time [s] Time [s]
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Figure 11. Simulation curve of electro-hydraulic hammer return process.

To evaluate the impact resistance and dynamic stability of
the electro-hydraulic hammer system equipped with the
proposed Dual-stage relief valve, co-simulations of the return
and strike processes were conducted under transient hydraulic
shock loads [20,21].

Figure 11 illustrates the system’s dynamic response during
the return stroke, specifically demonstrating the valve’s core
function. As shown in Figure 11(a), the Dual-stage relief valve
proactively regulates pressure, clamping it at approximately 32
MPa. This pressure level is deliberately set below the sub-
critical range (35-40 MPa)—the fatigue-prone zone where
conventional valves exhibit a “dead zone”—thus preventing the
system from entering the damaging pressure interval. By doing

so, the valve eliminates repetitive hydraulic shocks that are the

primary cause of low-cycle fatigue (LCF). The rapid 0.02 s
response time is critical to this preemptive regulation.
Consequently, the piston displacement and velocity profiles in
Figures 11(b) and 11(c) are smooth and stable, laying a solid
foundation for the operational stability of the system and the
longevity of its components.

To further validate the AA-driven valve’s capability to
suppress sub-critical transients (the root cause of LCF), a high-
fidelity simulation of the strike process was developed. This
model integrates the dynamics of all core system components
and embeds the proposed valve’s sub-model. The simulation
first reproduces a typical striking cycle, which inherently
generates recurring sub-critical pressure fluctuations (3540

MPa). Subsequently, an instantaneous 40 MPa impact load—
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representing the upper limit of the sub-critical range—is applied
at 0.1 s to rigorously test the valve’s performance. This test
verifies the valve’s ability to precisely regulate pressures within
the target sub-critical range while withstanding high-energy

shocks. The system’s pressure, displacement, and velocity

> v (] | >/\
Sart Gain3

I~ Do
Luoco >
[29950) >

o
<
e

responses were monitored to assess the valve’s efficacy in
eliminating fatigue-inducing pressure spikes and ensuring
operational stability. The simulation results are presented in

Figure 12.

» K >
/ x > %
Gaind bt

Product

<]

Scope2

"/H’l, N

Integrator Integratort Scope1

= =

Scope Scope3

y 4 e

fon

Figure 12. Simulation model of electro-hydraulic hammer strike process.
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Figure 13. Simulation curve of electro-hydraulic hammer strike process.

Figure 13 illustrates the system’s dynamic response during
striking, specifically validating the valve’s role in mitigating
LCF. As shown in Figure 13(a), when a 40 MPa impact load—
representing the upper limit of the sub-critical pressure range
(35-40 MPa) is applied at 0.1 s, the valve responds immediately,
completing the unloading process within 0.02 s. This rapid
response—consistent with its designed dynamic performance—
is critical for proactively suppressing pressure spikes, which are
the primary driver of the cyclic loading that induces LCF. The
smooth and oscillation-damped profiles of piston displacement
and velocity in Figures 13(b) and 13(c) are not merely indicators
of general stability; they are direct evidence of the valve’s
success in attenuating fatigue-inducing pressure transients. This

confirms that the valve fundamentally mitigates the driving

mechanism of LCF while ensuring the integrity of the striking
action without compromising the hammer’s operational

performance.

4. Multi-scale modeling and experimental validation of
LCF suppression in electro-hydraulic systems

This study establishes a direct correlation among the dynamic
performance, cyclic stress evolution, and service life of
components to comprehensively validate the low-cycle fatigue
(LCF) suppression effect of a dual-stage safety valve at the
electro-hydraulic hammer system level [22,23]. Through
mechanism analysis, theoretical life prediction, and system-
level experimental validation, the valve’s capability to eliminate
LCF

demonstrated.

induced by subcritical pressure is quantitatively
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4.1. Pressure-stress analysis of fatigue damage in the dual-

stage safety valve

The LCF failure of the electro-hydraulic hammer components
is caused by repeated subcritical pressure fluctuations (35-40
MPa) during the forging cycle. Traditional safety valves exhibit
a 'dead zone' within this pressure range, unable to attenuate
fluctuations, which translates into cyclic stress loads on
structural components. After thousands of cycles, this cyclic
stress can lead to crack initiation and propagation, ultimately

resulting in premature failure.

‘ ,'- \ = Traditional single-stage valve
| Ap= 5M pal, \ |—Double stage valve pressure regulating safety valve|
|35—40Mpa s
== T
4 4 i
| 1 \
1 \
1 \
© ! :
o 3; ! X
= ! !
~ 1 \
[N ) \
< [ \
2] i v

[ap=1.5Mpa
|33—34.5Mpa

% 20 w0 ATi.rr?g(AmsA) 80 100 120
Figure 14. Comparison curves of pressure amplitudes for two
types of valves.

The two-stage valve solves this fundamental problem
through its graded response mechanism: the differential stage
(AA=796.24x10° m?) actively regulates subcritical pressure
(35-40MPa), while the direct acting valve mainly deals with
catastrophic surge (>40 MPa). This dynamic adjustment
directly reduces the pressure amplitude (Ap) of subcritical
fluctuations from the traditional valve's 5 MPa (35-40 MPa) to
the designed 1.5 MPa (33-34.5 MPa), as shown in Figure 14.

According to the thin-walled cylinder stress model:
Ao =Pk, (37)

The secondary valve significantly lowers low-cycle fatigue
(LCF) risk by attenuating cyclic stress [24]. Leveraging the
linear Ac-Ap relationship, a 70% cut in pressure amplitude
directly diminishes the cyclic stress at its source. Experiments
confirm a sharp decrease in stress amplitude at a critical
hydraulic cylinder port, from 108.1 MPa (conventional valve)

to 43.2 MPa. This substantial stress reduction interrupts the

fatigue damage mechanism, enabling effective system-level

LCF mitigation.

4.2. Life prediction model considering subcritical

amplitude pressure and stress concentration

During the forging process of an electro-hydraulic hammer,
subcritical pressure fluctuations are affected by the forging
material, impact energy, and equipment wear, exhibiting
random amplitude characteristics (fluctuation amplitude of 3-5
MPa, frequency of 10-20 Hz, and random distribution of peak
values). The traditional Miner theory assumes linear
superposition of damage, which cannot reflect the coupling
effect of "high amplitude load accelerating low amplitude load
damage" under variable amplitude load. Therefore, the modified
Miner theory is adopted:

Assuming that the damage accumulates independently in
each cycle, when the total damage reaches 1, the component

fails:

D=3L - a (38)

Where: n; is the number of cycles at the ‘i’-th load level.
Ny ; is the fatigue life (in cycles) corresponding to the ‘i’-th load
level. a; is the load sequence correction factor, defined as the

damage amplification factor for the ‘i’-th load level.
45

Strike begin

B
o

1

Response time 20ms

Oscillation attenuation=60%

Pressure [MPa]
s

Initial oscillation amplitude 1.8MPa

]
[4)]

20

0 0.05 0.1 0.2 0.25 0.3
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Figure 15. Measurement curve of amplitude pressure of the
hydraulic cylinder.
Statistical fitting of the measured variable amplitude
pressure data from the electro-hydraulic hammer (Figure 15)

yields the following:
a; = 1.02 exp (0.1 %) (39)

Where: Ap; is the fluctuation amplitude at the ‘i’-th level,
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the high amplitude load Ap;=4 MPa is the average fluctuation
amplitude; Ap;>4 Mpa corresponds to a;>1, quantifying its
accelerating effect on subsequent damage.

The relationship between plastic strain amplitude and
fatigue life was obtained by using Goodman to correct the

influence of average stress:
Drora = Ae, + e, =2+ 26/(2N,)°  (40)

Where: Ag;q:q represents the total strain amplitude; Ae,
represents the amplitude of elastic strain; Ao represents the
stress amplitude, which is converted from pressure fluctuations,
Mpa; E is the elastic modulus of the material, Mpa; &f
represents the fatigue ductility coefficient, ££=0.23; cis the
fatigue ductility index; Ny is the fatigue life corresponding to
a single cycle, times.

The core components such as the hydraulic cylinder body
and valve core undergo structural mutations, resulting in local
stress concentration (concentration factor K, =1.2~1.5). The
traditional uniform stress model cannot explain the failure law
of "local high stress areas preferentially initiate cracks".
Introducing stress gradient factor f to correct local stress
calculation:

A0ypcq) = A0 - K; - B (41)

Where: Ao represents the amplitude of the equilibrium
cyclic stress, Mpa; [ is the stress gradient factor, the ratio of
the local maximum stress to the average stress, K;is the local

stress concentration factor, and K;=1.3.
1.2
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Figure 16. Comparison of cumulative damage curve
simulation.
Therefore, the core equation for refined LCF life prediction

is revised to:

Ag, = =2locel 1 g1 (2N, ) (42)
D=3t a (43)
Nfi

Where: c¢ is the fatigue ductility index of 30CrMo steel, ¢ =-
0.65.

4.3. Experimental verification of the LCF suppression

efficiency of the two-stage pressure regulating safety valve

To quantitatively validate the LCF mitigation advantage of
a dual-stage valve over a conventional one, an accelerated
fatigue test was conducted using 30CrMo steel specimens (0.1
mm tolerance) on an MTS 810 testing machine. The dual-stage
valve effectively regulates sub-critical pressure fluctuations in
the 35-40 MPa range, reducing the pressure amplitude from
5 MPa to 1.5 MPa and thus suppressing LCF damage,
representing a 70% amplitude reduction. A multi-sensor system,
including 1 kHz strain gauges, a 0.1 mm resolution ultrasonic
detector, and a £0.5°C infrared thermometer, was employed to
monitor strain response, crack initiation/propagation, and
thermal effects, respectively, for comprehensive damage
characterization and model calibration.

810 Vibration Testing Machine| Frequen

Traditional valve = 35~40MPa AP =5MPa 15Hz
Secondary valve | 33~34.5MPa = AP=15MPa  15Hz
Vibration frequency

-’ ~ -
! -
error +0.1Hz \ o ]
I, d L
(o]
$250x20mm 9 @ .

error 0.1mm

Accelerated fatigue test
35~40%20mm.

Wibration amplitude
error £0.1Mpa

e 1 O§ MR

Staingauge  Ultrasonic detector _Resolution 0.mm Infrared Thermometer (+0.5°C) monitoring
Figure 17. Accelerated fatigue experiment of electro-hydraulic
hammer system.

An NI ¢cDAQ-9178 system facilitated synchronized multi-
device data acquisition (£1 ps timestamp accuracy). Real-time
data at 1 kHz included pressure peaks/valleys, strain (converted
to stress via Hooke’s law and corrected with a 1.3 stress gradient
factor), and specimen temperature. Intermittently, an ultrasonic
detector logged crack length and cycles to initiation, while
checks were made on strain gauge adhesion and load stability.
All TDMS data, tagged by cycle count, were converted to CSV
for post-processing. This process calculated cumulative damage

(modified Miner’ s rule), stress attenuation, and life
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parameters to generate characteristic curves with a relative error
< 5% (Figure 18).

The LCF mitigation performance of the AA-driven dual-
stage valve is demonstrated by comparing cumulative damage
evolution (Fig. 18). Under the conventional valve, damage
increases linearly and rapidly, reaching failure (D=1) at 9.6x10*
cycles (12.5 h), confirming accelerated failure from subcritical
pressure fluctuations. In contrast, the dual-stage valve
drastically slows the damage rate; the service life of 9.8x10°¢
cycles (1283.3 h) is a theoretical prediction derived from the
accelerated fatigue experimental stress data (including the
measured stress amplitude attenuation from 108.1 MPa to 43.2
MPa and the modified Miner’s damage accumulation model).
The accelerated fatigue test physically verified the damage
accumulation trend and stress attenuation effect, and the
theoretical life was extrapolated from the experimentally
calibrated damage model with a relative error of only 3.92%.
This improvement is attributed to its staged response
mechanism: by using AA to reduce the pressure fluctuation
amplitude from 5 MPa to 1.5 MPa, the cyclic stress amplitude
is attenuated from 108.1 MPa to 43.2 MPa, effectively breaking

the pathway to fatigue damage.
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Figure 18. Experimental comparison of cumulative damage
curves.

Table 5. Experimental damage life comparison.

Physically
Working Theoretical tested . Crack
.. . . relative . .. .
condition predicting  accelerated initiation
type lifespan fatigue time (h)
lifespan
Single 1.009x10° 9.6x10°  4.86% 12.5
stage valve
Secondary
safety 1.02x107 9.8x10° 3.92% 1283.3
valve

The experimental curves’ reliability is confirmed by multi-

sensor data, with stress attenuation matching damage

accumulation rates and crack initiation aligning with curve

inflection points (relative error < 5%). The results validate the

AA-driven design’s core advantage: active suppression of

pressure transients drastically reduces the damage accumulation

rate, boosting component life by nearly two orders of magnitude
and offering direct experimental proof for system reliability
optimization. Main error sources include temperature variations

(£2°C) and material variability (£3% E-modulus), but overall

accuracy remains within engineering limits (<5%). Crucially,

the crack initiation time was extended by a factor of 102.7,

consistent with the life extension trend.

5. Conclusion

This study addresses the critical issue of low-cycle fatigue (LCF)

in electro-hydraulic hammers caused by sub-critical pressure

transients (35—40 MPa), a problem unresolved by conventional
relief valves due to their inherent response dead zone. A novel

Dual-stage relief valve is proposed, integrating direct-acting

and pilot-operated differential mechanisms to decouple high-

and low-pressure regulation.

1) The hierarchical response mechanism based on the
fixed structural parameter AA eliminates the sub-
critical pressure dead zone, realizing proactive

regulation of 35-40 MPa fluctuations while handling

catastrophic surges (>40 MPa).

2) Experimental and simulation results confirm

exceptional dynamic performance: 20 ms response

time (40% improvement), >60%  oscillation
attenuation, and reduction of pressure fluctuation
amplitude from 5 MPa to 1.5 MPa, cutting cyclic stress
from 108.1 MPa to 43.2 MPa.

3) Based on experimental stress amplitude data and the
modified Miner’s fatigue life prediction model, the
valve is predicted to extend the component service life
by nearly two orders of magnitude (from the
experimentally verified 9.6x10* cycles of the single-
stage valve to 9.8x10° cycles), and stabilizes system
pressure at 32 MPa, shifting hydraulic system

reliability from passive protection to proactive

management.

This design enriches relief valve theory and provides
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a practical solution for high-reliability hydraulic systems in will focus on adaptive AA control for variable conditions and

heavy forging and other high-load industries. Future research performance optimization under extreme environments.
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